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Abstract—The natural convection and conduction heat transfer in inclined rectangular enclosures with
honeycomb structure attached to the heated wall is numericaily studied. The boundary conditions were
constant heat flux on the wall and fins, isothermal on the bounding long sides and adiabatic on the
short sides. The governing parameters are the Rayleigh number (10* < Ra < 10%), the aspect ratio of the
enclosures (2.5 < 4 = H’/L’ < 10), the dimensionless lengths of the partitions (0 < B=17/L] < 1), the
aspect ratio of the micro-cavities (0.25 < C = h’/L’ < 2.5), the inclination angle (5 < ¢ < 90°), the walil
thickness (0 < w = w'/L’ < 1). The fin thickness was (e = ¢'/H’ = 0.08). The Prandtl number was constant
(Pr = 0.72) and the conductivity ratio varied as (107° < k, < 10%). Local and average Nusselt numbers
along the long sides are calculated as a function of various parameters. Streamlines and isotherms are
produced.

INTRODUCTION

Honeycomb structures are often used in various ap-
plications to modify heat transfer. As a result, a tall
enclosure is formed, vertical or inclined, containing a
two-dimensional honeycomb structure. In two-dimen-
sional cases, the system has two active long sides, one
of which is with finite thickness and conductivity and
equipped with conducting fins, and two connecting
short sides, which are insulated. Depending on the
size of the fins, equidistant open micro-cavities are
formed that are connected to each other by the chan-
nel formed in the tall enclosure.

A review of the literature shows that there are vari-
ous studies on heat transfer in cavities containing fins
similar to that described here. For building elements
with passive utilization of solar energy, a theoretical
study reported on a two-dimensional honeycomb
structure where conduction heat and mass transfers
were assumed to be negligible [1]. The effect of natural
convection in a micro-cavity of a system induced by
radiation was reported later for dimensionless micro-
cavity height from 0.2 to 1 and with isothermal active
walls [2]. It was shown that heat transfer by natural
convection decreased with decreasing aspect ratio,
with increasing radiation and radiation incidence
angle.

+ Author to whom correspondence should be addressed.

Vertical rectangular enclosures with adiabatic fins
attached to the isothermal heated wall opposing an
isothermal cold wall were studied numerically [3]. The
enclosure aspect ratio was from 2 to 3, the dimen-
sionless fin length from 0 to 0.75, micro-cavity Height
from 0.30 to 0.67. Their study showed that the heat
transfer through the cold wall was reduced with
respect to the case without fins and this reduction was
enhanced with increasing fin length and decreasing
Rayleigh number. In a subsequent work [4], this study
was extended to an inclined tall enclosure case wikh the
enclosure aspect ratio from 2.5 to oo, dimensionless fin
length from 0 to 1, micro-cavity height from 0i25 to
2. The Rayleigh number was from 10* to 2 x 10°. They
found that fin length was an important parameter : at
low Rayleigh numbers, the heat transfer was reduced
with increasing fin length but at high Rayleighinum-
bers there was an optimum value. Heat transfeér was
reduced for decreasing micro-cavity height and passed
from a maximum for an inclination angle. They also
showed that the problem in tall cavities with an infinite
number of fins could be solved similarly to thdt in a
single micro-cavity using the periodicity hypothesis.
The results of these studies would be applicable to
problems where fins were made from non-condiicting
materials such as plastics, but not to those made from
construction materials such as concrete and bri:k:k.

Starting from a different premise, Scozia and
Frederick [5] numerically studied two-dimensional
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B dimensionless fin length, /'/L]

C dimensionless micro-cavity height,
wiL

€ dimensionless fin thickness, ¢’'/H’

e fin thickness

g acceleration due to gravity [m s

h’ height of the micro-cavity [m]

h local heat transfer coefficient
Wm—2K™]

h average heat transfer coefficient on
heated wall [W m™2 K]

H’ total height of calculation domain [m]

k thermal conductivity [W m~' K™']

k. thermal conductivity ratio, k/k,

I fin length [m]

L total width of calculation domain [m]

L) width of the enclosure with fins [m]

Nu  mean Nusselt number, 2L’ /k;

Nu, mean Nusselt number of the bench
mark problem
n number of micro-cavities, 4/C
N number of fins, n—1
p dimensionless pressure,
_ P +pig(y sing—x"cos P)
prlo/ LY
j 2 pressure [Pa]

Pr Prandtl number, vi/a;

q heat flux [W m ™7

Ra  Rayleigh number, (gfgL’*)/ (ko)

T dimensionless temperature,
(T"=T3)/AT"

NOMENCLATURE
A aspect ratio, H'/L’ T solid wall temperature [K]
a dimensionless distance in the AT temperature difference, T} — T [K]
enclosure, x'/L} AT’ temperature difference, gL' /k; [K]

u,v  dimensionless velocity in x and y
direction, (&', v")/(a/L")

o

u',v"  velocities in x” and y directions [m s~ ']

w dimensionless wall width, w'/L’

x.y  dimensionless Cartesian coordinates,
(X, )/ L

x’,y" Cartesian coordinates.

Greek symbols
o thermal diffusivity [m®s~']
B volumetric coefficient of thermal
expansion [K ']

v kinematic viscosity [m®s~']

p fluid density [kg-m

¢ tilt angle []

b dimensionless stream function, ¥'/a,.
Subscripts

1 left boundary
2 right boundary
ext extremum

f fluid

loc local

max —maximum

S solid.
Superscript

,

dimensional variables.

flow of air in a differentially heated slender enclosure
with conducting fins attached on the cold wall. The
enclosure aspect ratio was varied from 20 to oo, that
of micro-cavities from 2.5 to 20 and the Rayleigh
number from 10° to 10°. They studied the effect of the
micro-cavity aspect ratio of the flow and temperature
fields, and derived useful guidelines for collector and
cover design when the fins could be attached to the
cold wall: however, they could not be attached to the
heated wall, as in the case with Trombe walls and
electronic components.

In a recent investigation [6], the problem with per-
fectly conducting fins was numerically studied. It was
found that the heat transfer through the cold wall
could be reduced considerably by using conducting
fins attached to the heated wall. The heat transfer was
dominated by conduction when the dimensionless fin
length was about 0.77 and the dimensionless micro-
cavity aspect ratio about 0.3. This effect was enhanced
with inclination angle.

It is seen that earlier studies are mostly concerned
with natural convection in enclosures with fins
attached to one of the long sides, which are rigid walls
with zero thickness subjected to various boundary
conditions. That is, the thickness and conduction in
the bounding wall containing the fins are not
considered. Yet, in many applications, the bounding
wall with fins has a finite thickness and conductivity,
which affects the natural convection in the enclosure.

The purpose of the present investigation is to study
heat transfer by natural convection and conduction
in enclosures containing a honeycomb structure
attached to a wall. Of the two active long sides, one is
with finite thickness and conductivity and equipped
with conducting fins, and the other is kept at constant
temperature. Two connecting short sides are insu-
lated. As the application varies from cooling of elec-
tronic components to passive solar collectors with
massive heated walls, the effects of various geo-
metrical parameters (enclosure aspect ratio, A, fin
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Fig. 1. Schematic of the problem, boundary conditions and
the coordinate system.

length, B, micro-cavity aspect ratio, C and inclination
angle, ¢) on the heat transfer are investigated for
practical ranges of Ra with Pr maintained at 0.72

(air).

PROBLEM DESCRIPTION

A schematic of the system with geometrical and
boundary conditions is shown in Fig. 1. Heat is
released by a constant flux from the inside surface of
the wall with finite thickness and that of the fins, and
is transferred by convection and conduction through
the left long side at T and by conduction through
the right at 7. For each aspect ratio, the number s
of micro-cavities varies with C, with the number N of
the fins following the relation n = 4/C = N+ 1. The
dimensionless fin thickness, e, and length, B, are
attached to the massive wall at equal distance 4" from
each other. It is assumed that the third dimension of
the enclosure is large enough and the flow can be
considered two-dimensional. It is also assumed that
the Boussinesq approximation applies.

MATHEMATICAL MODELLING

Using non-dimensional variables defined in the
nomenclature, the non-dimensional governing equa-
tions are obtained as

ou_ o _
ox ' dy
ou du  Op

Ra
“wo X 2, 2%
“ax+”ay 6x+l"Vu PrTcosqS (2)

ov oo ap Ra
DLl Py, 24
u5x+v6y 5y+ Vet Pr

0 (M

Tsing (3
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or T k. _,

Uz +vay = PrV T. 4
where T and k, are both equal to one in the fluid
region, and to 10" and k,/k;, respectively, in the kolid
region.

The boundary conditions are as shown in F}ig. 1
with a constant heat flux specified on the fin surfaces
and the inner surface of the bounding massive wall.

u=v=0 onallsolid walls
T=T,atx=0, 0<y<A4
T=0atx=1 0<y<4

q = constant on the inner wall and fin surfaces

T
$=0a1y=0,Aand0<x<1.

&)

AT’ is known for a given Ra and AT is specified, which
is used to determine the boundary condition at )’t =0.
Therefore, Ra and AT are the parameters specified for
a solution. ‘

At the bounding long sides, the local heat flyx (or
the local Nusselt number) and the average heat flux
(or the average Nusselt number) are obtained, réspec-
tively, as :

hl’ 1 éT
Ny, =% TT & - 6)
AL 1 [MéT
Nu—?—ﬁj;*é;»V:O.]dy. | (7)

The stream function is calculated from its definition
and ¥ = 0 is assumed at the boundaries.

g
ay

v—éf. (8)

u= =
Ox

NUMERICAL METHOD

The numerical method used to solve the system of
equations (1)-(4) with the boundary conditions of
Fig. 1 and equation (5) is the SIMPLER methpd [7].
The computer code was validated for varioug cases
and the results are published elsewhere [8]. The results
for Ra = 10° showed that maximum deviations from
the bench mark solutions {9] were ¥, = 4.66%,
Umax = 3.34%, U1 = 1.88% and Nuy, = 6.81%:

A uniform grid size in both directions was ysed in
this study with a minimum of three control volumes
in solid media in the y direction. Independéjnce of
solution on the grid size was studied for various cases
and k,. For instance, for Ra = 105, ¢ = 90°, k, = 20,
the grid size of 39 x 58 for the aspect ratio of 4 = 2.5,
39 x 118 for 4 = 5and 39 x 178 for 4 = 7.5 wag found
to model accurately the flow and temperaturg fields.
The results showed that grid independenge was
achieved above these grid sizes showing negligible
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Fig. 2. Streamlines (on the left) and isotherms (on the right) for the case of 4 = 7.5, C = 0.5, w = 0.66,

AT =10K, ¢ = 90", k, = 20. (a) B=0.75, Ra = 10°, ¥,,, = 0.347; (b) B=0.5. Ra = 10°, ¥,,, = 0.383;

(c) B=0.25 Ra=10° V¥, = 0470; (d) B = 0.75, Ra = 10, ¥,,, = 5.720. —0.100; (e} B = 0.5, Ra = 10°,
Y. = 5950, —0.100; (f) B = 0.25. Ra = 10%, ¥, = 6.376, —0.030.

differences in heat transfer (0.12%) and flow field, u,
v (0.01%). The number of iterations was 150 for
A = 2.5 and 320 for 7.5. For high Rayleigh numbers,
the solution from lower Rayleigh numbers was used
to initialize the computation so that the number of
iterations was reduced considerably. The relaxation
coeflicient was from 0.8 for low Rayleigh numbers
to 0.1 for high. For instance, for Ra = 10°, ¢ = 90°,
k. = 20, using 39 x 58 grid size, the solution was
obtained after 200 iterations requiring 70 min on an
IBM RS/6000-365 workstation.

The convergence criteria were based on the cor-
rected pressure field. When the correction terms were
small enough so that no difference existed between the
pressure field before and after correction, the com-
putation was stopped. Hence,

i
max /m‘n

Y b, <1074 9)

iT=

where b, is the source term in the pressure correction
equation.

The accuracy of computations was controlled also
using the energy conservation within the system,
which showed an accuracy within 0.1% in the worst
case.

RESULTS AND DISCUSSION

The controlling geometrical parameters were as fol-
lows: A = H'/L" was varied from 1 to 10, B=17/L}
from O (system without fins) to 1 (enclosures with
partitions), C = #'/L" from 0.25 to 2.5, w=w'/L’
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Fig. 2—continued.

from 0 to 1, the fin thickness was 0.08 and con-
stant, and the inclination angle ¢ was from 5 to 90°
(vertical system). Thermophysical parameters were
10 < Ra< 10, —SOK S AT=T,~-T, < 50K and
107 < k, < 10°. The range of the geometrical and
thermophysical parameters and the variation of tem-
perature difference cover practical situations. A base
case was taken with ¢ =90°, k =20, 4 =25,
B=075 C=05 w=0.66, AT=+10K. The
effects of 4, B, C, w, k,, ¢ were examined as required.

General observations

Streamlines and isotherms for the base case with
AT = 10K are presented in Fig. 2(a)—(c) for Ra = 105,
(d)—(f) for Ra = 108, each with B = 0.75, 0.5, 0.25.
Isotherms on the right of each case in Fig. 2(a)—(c)
show that, for Ra = 10°%, the heat transfer is dominated
by conduction. For B = 0.75, a cell is formed in each

micro-cavity, effectively cutting off any circulation
along the left long side at x = 0. For B = 0.50 in Fig.
2(b), the fluid circulates along the left long side as
well as through the micro-cavities. When B fuirther
decreased, Fig. 2(c) shows that the circulation iin the
enclosure is increased, although the cells in each
micro-cavity are maintained. ¥, values are —0.347,
—0.383 and —0.470 for decreasing B, respectively,
indicating that the circulations in the micro-cavities
and in the enclosure are clockwise and their stréngths
increase with decreasing B. Isotherms in the solid wall
show that temperature gradient increases with increas-
ing B, an indication of higher heat transfer through
the wall.

Figure 2(d)—(f) shows similar results for Ra = 10%.
Streamlines for higher Ra show similar appearince as
for Ra = 10%, although the strength of circulations
increased considerably and their directions changed.
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— B=0.25
............. B=0.50 AT=10
—=—- B=0.75

A=75

Il

®) . Ra=10°
0.0 2.5 5.0 7.5

Fig. 3. Local Nusselt number at the bounding long sides
x = Oand 1 for various Ra and B. (a) Ra = 10°, (b) Ra = 10%.
The other parameters are as in the base case.

Y. .. values are 5.720, 5.950 and 6.376 for decreasing
B, respectively, showing a counter clockwise rotation
in the micro-cavities and in the enclosure. As expected,
their strengths are increasing with decreasing B. Iso-
therms show that temperature gradient in the solid
wall has increased with increasing Ra and decreased
with decreasing B.

Reversing of the circulation direction of the cells in
the micro-cavities and in the enclosure with increasing
Rayleigh number is a consequence of the change of
direction of heat flux through the left long side of the
enclosure. W, as a function of Ra and for various B
were examined for the same case as Fig. 2. It was seen
that ‘P, was negative up to 4.5 x 10°, above which it
became positive and increased sharply with increasing
Ra. It was seen also that the variation of V., below
Ra =10° down to 10* was negligibly small, an
expected result since the heat transfer is dominated by
conduction even at Ra = 10°.

Heat transfer

Local heat transfer on the left long side at x =0
and on the right at x = 1, is computed by equation
(6) for Ra = 10° and 108 for various B. The results are
presented in Fig. 3. Following the observations made
for Fig. 2, the local Nusselt number is all positive for
Ra = 10%at x = 0 and x = 1, i.e. the heat flows in the
positive x direction through the two long sides. N,
at x = 1 is generally higher than that at x = 0, since
the former includes, in addition to the heat flowing
from outside, the heat released by the solid wall and
fins. At x = 0, the variation of Nuy,. iIs sinuous, the
extremum of which corresponds to the fins. Their
amplitude (also their average value) is increasing with
increasing B, an expected result in view of the obser-
vations made earlier with Fig. 2. At x = 1, Ny, 18
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AT>0 _4n8
e AT<0 Ra=10
500 F
x=1
3 0
/ \l—x=0
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-1000 L S
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|AT |

Fig. 4. Average Nusselt number as a function of temperature
difference at the bounding long sides x = 0 and x = 1. The
other parameters are as in the base case.

more uniform along y and an increasing function of
B. For Ra = 10%, Nu,,. at x =0 and 1 has different
sign, i.e. the heat flow through the left long side is in
the negative x direction, and therefore outwards on
both sides. The heat released at the wall and fins are
divided in two parts, the one to the left is transferred
by convection, the other to the right by conduction
through the wall. At high Ra, Nu,. is still an increasing
function of B. This is expected since the heat transfer
surface increases with increasing B. The variation of
Nuy,, is similar to the previous case with Ra = 10°,
quite uniform at x = 1 and sinuous at x = 0, for which
similar observations can be made.

Average Nusselt number is calculated by equation
(7) at x =0 and 1 as a function of |AT] for B=0.75
and Ra = 10%, and presented in Fig. 4. The absolute
value of Nu is a decreasing function of |[A7] and there
is a negligible difference between Ny with positive or
negative AT. However, Nu is higher at x = 0 when
AT <0 and it is so at x =1 when positive. Nu at
x = 0 is negative, i.e. the heat flow is in the negative
x direction and its magnitude is lower than that at
X =1,

Average Nusselt number as a function of Ra for
two aspect ratios is shown in Fig. 5, for various B and
AT = 10 K. It is seen that, at low Rayleigh numbers,
the heat transfer being dominated by conduction is
poor and the effect of the convection is evident when
Ra > 107. Following earlier observations with nega-
tive and positive Nu at x = 0 and 1, heat transfer is
from the enclosure outwards through the long sides.
As expected, the absolute value of Nu is an increasing
function of B.

Effect of aspect ratio A
The effect of the aspect ratio on the heat transfer
was studied for the base case for 4 from 1 to 10,
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Fig. 5. Average Nusselt number as a function of Ra for

various B and AT =10 K. (a) 4 =25, (b) 4=7.35. The
other parameters are as in the base case.

Ra =107, 10%, and AT = + 10 K. It was seen that the
effect of 4 was non-negligible only at high Ra and at
low aspect ratios. From the heat transfer point of
view, the enclosures with an aspect ratio greater than
about 4 behave like one with 4 — 0.

Effect of fin length B

The effect of the dimensionless fin length on the
heat transfer is studied for the base case for 4 = 2.5,
Ra = 10°-10%, AT = £ 10 K and the results are pre-
sented in Fig. 6. Following the general observations

b

0.0 0.2 04 o 08 08 1.0

40f ) = Ra=10"
aool__ —— =1—7
2 o0
300} x=0 V==
© _Ra=10°

Fig. 6. Average Nusselt number as a function of the fin length
at the long sides x = 0 and x = 1 for various Ra and AT.
The other parameters are as in the base case.
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made for Fig. 2, for Ra = 10° the heat transfer is in
the positive x direction when AT = 10 K and in the
negative x direction when AT = — 10 K. The situation
is different for Ra = 107 and 10®, with Nu always posi-
tive at x = 1 and always negative at x = 0, since for
high Ra numbers the convection dominates and the
heat flow is from the enclosure outwards through the
long side at x = 0. Generally, Nu is an increasing
function of Bsince the heat transfer surface, and there-
fore the heat flow, increases with increasing B.

Effect of micro-cavity height C

Streamlines and isotherms for the base case with
A=25 Ra=10® and AT =10 K for C = 1.125,
0.833, 0.5 and 0.25 are shown in Fig. 7. The cor-
responding number of micro-cavities is 2, 3, 5 and 10,
respectively. ., values are 6.12, 6.74, 5.79 and' 1.23,
all positive, indicating a counter-clockwise rotation,
i.e. the heat transfer is from the enclosure to the left
long side. Number of cells is identical to the number
of micro-cavities, n for cases (a)-(c), without any
interaction among them. In case (d), double cells are
formed in each micro-cavity, except at the bottom and
top. In all cases there is no circulation through the
enclosure since it is cut off effectively by rotating cells
at each micro-cavity. Isotherms show increasing tem-
perature gradient in the enclosure and through the
solid wall with decreasing C. Thus the heat transfer is
more favorable for decreasing C.

Average heat transfer at x = 0 and 1 as a function
of C is shown in Fig. 8 for Ra = 10", 10F and
AT = +10 K, the other parameters being identical
with the base case. Following the observations: made
for Fig. 7, the variation of Nu is most pronounded for
small C. The heat transfer for both Ra is outwards
through the long sides. As Ra increases, the difference
in Nu for positive or negative AT decreases.

Effect of wall thickness w

Streamlines and isotherms for the base case with
A=15 Ra=10* and AT =10 K and w =0.051,
0.359 and 0.769 are shown in Fig. 9. The case with
w = (.66 is presented in Fig. 2(d). Streamlines show
double cells in micro-cavities when w is relatively small
as in Fig. 9(a) and (b). The strength of double cells in
Fig. 9(a) for w = 0.051 has the same order of mag-
nitude with W, = +16.796, —11.974. The cells with
negative value are those inside the micro-cavities ro-
tating clockwise and those with positive value are near
the left long side rotating counter-clockwise. It is seen
that these cells are interconnected with a strang cir-
culation in the enclosure. As w increases to 0.359, the
strength of inner cells is reduced and they are no
longer visible for w = 0.66 in Fig. 2(d) and 0.769 in
Fig. 9(c), although they exist as evidenced by the
negative values of ¥, of —0.1 and —0.042, respec-
tively. These observations are indications that the heat
transfer at x = 0 is in the negative x directi}on, ie.
from enclosure outwards. Isotherms for thg same
cases support the previous observations on stream-
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(d)

Fig. 7. Streamlines (on the left) and isotherms (on the right) for the case with 4=2.5, B=0.75,AT=10K,
¢ =90°, k, = 20and Ra = 10%. (a) C = 1.125, ¥,,, = 6.120, —0.030; (b) C = 0.833, ¥, = 6.740, —0.031 ;
(¢) C=0.5,¥,,=5790, —0.085; (d) C =0.25, ¥, = 1.226, —0.100.

AT= 10
Ra=107
——— AT=-10
] SNy
S,
x=1
2 of-
s0F
(a)
Ra=10%
RS
400F S
x=1
30
A0
400k
®)
e 'l 1 -
0.5 1.0 15 2.0 2.5

C

Fig. 8. Average Nusselt number as a function of C for the
same case of Fig. 11 with AT = +10 K. (a) Ra = 107, (b)
Ra = 10%. The other parameters are as in the base case.

lines. As w increases, the heat transfer becomes more
dominated by conduction, an indication of lower heat
transfer at x = | with increasing w.

Average heat transfer at x = 0 and 1 is calculated
for the same case with Ra = 10° and AT = + 10K as
a function of w and the results are presented in Fig.
10. As discussed earlier, for high Ra numbers, the heat
transfer is outwards at both long sides : therefore, the
heat transfer at x = 0 is negative. It is seen that, as
the wall thickness increases, Nu decreases through the
right long side, since the resistance is higher for thicker
wall. The decrease of the [Nu| at x = 0 is small, which
is explained by the reduced convection as noted in
Fig. 9. Nu at x =1 is slightly higher for AT =10 K
than — 10 and the reverse is true for Nu at x =0, an
expected result in view of the findings in Fig. 4.

Effect of conductivity ratio k,

Streamlines and isotherms for the base case with
A=25 Ra=10° AT=10K and &, = 0.01, 1, 10°
are shown in Fig. 11. The case with k, = 20 is pre-
sented in Fig. 7(c). Streamlines show that, for increas-
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Fig. 9. Streamlines (on the left) and isotherms (on the right) for the case with 4 = 7.5, B =0.75, C = 0.5,

AT =10 K, ¢ =90°, k&, =20 and Ra = 10% (a)

w = 0.051, ¥,

16.796, —11.974; (b) w = 0.359,

Y. = 9.600, —2.783; (c) w = 0.769, V., = 2.033, —0.042.

ing k,, V., decreases, an indication of reduced con-
vection and increasing conduction. The cells formed
in each micro-cavity rotate in a counter-clockwise
direction for k, = 1072, 1, 20 and clockwise for 10°.
This indicates that the heat transfer for the former
cases is outwards at x = 0, and inwards for the last
case. [sotherms show the supporting evidence for
these observations : the heat transfer by conduction is
seen to increase with increasing k..

Average heat transfer for the same case is plotted
in Fig. 12 with AT = +10 K and Ra = 10" and 10
Confirming the observations made in Fig. 11, Nu at
x = | is an increasing function of k. and |Nu| at x = 0
is high at low k, decreasing until zero and then
changing sign from negative to positive. This trend is
more pronounced when Ra = 107. Similar obser-
vations can be made on the effect of AT as for Figs. 8
and 10 following Fig. 4. It is noted that, for very small

k., the heat transfer at x = 1 is zero or negligibly smalil,
since this case corresponds to insulating walls.

Effect of inclination angle ¢ ‘
Average Nusselt numbers were calculated cor-
responding to the base case and with A4 & 2.5,
Ra =108, AT = +10 K as a function of the ijnclin-
ation angle. It was seen that |Nu| was a decreasing
function of ¢ at x = 1 and an increasing functTon at
x = 0. The relative variations were from 5 t0[20%.
Streamlines and isotherms were produced for various
¢, as in Fig. 7(c) for ¢ = 90°, which were all similar
for near-vertical angles, with a single convectidn cell
rotating in a counter-clockwise direction inl each
micro-cavity. At low angles, the counter-clo¢kwise
rotating cell was accompanied by a clockwise rotating
cell, except at the lowest micro-cavity. The isotherms
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Fig. 10. Average Nusselt number at x = 0 and 1 as a function

of the wall thickness for the same case as Fig. 9 with

AT = +10 K, Ra = 10%. The other parameters are as in the
base case.

were almost identical, an indication of a small effect
on heat transfer.

CONCLUSIONS
The following conclusions are drawn :

(1) It is found that heat transfer from the inner
surface of the wall and fins through the two bounding
long sides is dominated by conduction at low Rayleigh
numbers and by convection at high numbers. The heat
flow at low Rayleigh numbers is inwards through the
left long side with zero thickness, which may have
different consequences for different applications. For
instance, it will be undesirable in cooling of electronic
components, but desirable in building components.

E. K. LAKHAL et al.
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Fig. 12. Average Nusselt number at x = 0 and 1 as a function

of the wall conductivity ratio for the same case as Fig. 11

with AT = +10 K, Ra = 10®. The other parameters are as
in the base case.

At high Rayleigh numbers, the heat flow is outwards,
making the cooling process an effective one.

(2) The effect of temperature difference on the heat
transfer is high when AT < 20 K, above which it is
negligible. The heat transfer is an increasing function
of the fin length, and of the enclosure aspect ratio,
particularly at low aspect ratios, and a decreasing
function of the micro-cavity aspect ratio and the wall
thickness, particularly at their low values.

(3) The heat transfer is by convection through the
left long side for low wall conductivities and through
the right long side for high conductivities.

(4) The effect of the inclination angle on the heat
transfer is small for ¢ from 5 to 90° (vertical position).

(a)

Fig. 11. Streamlines (on the left) and isotherms (on the right) for the case with 4 = 2.5, B =0.75, C = 0.5,
AT =10K, ¢ =90° k, = 20and Ra = 10%. (a) k, = 0.01, ¥_,, = 11.158; (b) k, = 1, ¥, = 5.790, —0.085:
(c) k, = 10°, ¥, = —1.059.
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